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Mixed convection heat transfer in a vertically oriented air-cooled square enclosure is
simulated numerically using the finite volume method. The vertical left wall being heated
and all others are considered insulated. The effects of six opposite and staggered inlet/
outlet openings’ locations over the top and bottom walls are investigated, with different
sizes of the opening height (0.05 < d/H < 0.3). The objective is to figure out the better
size and location of inlet and outlet to acquire more efficient cooling system in the enclo-
sure by maximizing the heat removal rate. This is conducted over ranges of the governing
parameters, which are the Richardson number (0 < Ri < 30) and the Reynolds number
(50 < Re < 250). The results show that the level of heat transfer enhancement increases
with increasing the opening height, with an optimal size of d/H = 0.25 for obtaining maxi-
mum heat removal, for all Richardson and Reynolds numbers. The results also indicate
that the higher heat dissipation occurs when the cold air is injected vertically near the
hot wall and exits the enclosure from the opposite or staggered outlet, for all Richardson
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1 Introduction

The common fields of application of fluid flow and heat transfer
resulting from the combined influence of free and forced convec-
tion is in designing cooling systems for electronic equipment such
as computers. In such equipment, a small heat source is generally
placed inside an enclosure and is subjected to a specified heat
flux. Thus, the interaction between the buoyancy driven flow
induced by the heat flux and the external forced cooling flow may
lead to the possibility of complicated flows. Several enclosure ori-
entations, ventilation systems, and/or heating conditions of the
enclosure can stimulate different types of buoyant flows that may
augment the heat transfer in different ways. For example, for com-
bined convection in a vertical enclosure, when the buoyancy is
insignificant, modest buoyant flows motivate along the hot wall
and might either resist or assist the mainstream and cause either
small reduction or augmentation in the heat transfer. However,
when the buoyancy turns into significant, the generated buoyant
flows become robust and can cause different sorts of flow rever-
sals that can change considerably the whole flow and thermal
characteristics inside the enclosure. Indeed, this kind of secondary
flow that could have a switch into a two-dimensional convection
cells based on the values of the buoyancy parameter and the Reyn-
olds number, as well as on the orientation of the ventilation sys-
tem and the initial and final positions of the main flow.
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For the case of mixed convection in a horizontally oriented ven-
tilated enclosure [1] presented quantitative results on mixed con-
vection transport inside a square enclosure for different
displacement configurations by changing the location of the out-
flow opening and the finite size heat source. The results showed
that when the inflow opening and the heat source are located on
the same enclosure vertical left wall, the higher location of the
source leads to a better cooling effect. An enhancement in the
cooling is also achieved when the outflow opening is located close
to the lowest of the opposite vertical right wall. However, once
the source is placed at the floor of the enclosure, the cooling
becomes more efficient when the outflow opening is placed close
to the middle and far of the inlet. Papanicolaou and Jaluria [2]
reported the transition from a steady, laminar-mixed convection
regime to a periodic regime in an air-filled enclosure induced by
localized heating. They found that the interaction between the
buoyancy-induced flow with the cold through-flow might become
unstable beyond a critical value of the mixed convection parame-
ter; hence, after an initial transient, very regular, periodic, almost
sinusoidal oscillatory behaviors were shown for the results. Hsu
et al. [3] investigated mixed convection in a partially divided rec-
tangular enclosure with a finite size heat source. The enclosure is
partially divided by a vertical divider protruding from the ceiling
or the floor of the enclosure. The impacts of the height and place
of the divider, and the locations of the outflow opening and the
heat source, were examined. They stated that the better cooling
performance could be achieved by placing the heat source in the
vicinity of the cold inlet port and/or by locating the outflow open-
ing lower of the vertical right wall.

Laminar combined free and forced convection in a horizontal
air-cooled rectangular enclosure comprising radiation from the
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left sidewall by Raji and Hasnaoui [4] and from the left side and
top walls by Raji and Hasnaoui [5]. They considered two enclo-
sure configurations: bottom—top (BT) and bottom—bottom (BB)
configurations. It was found that the BB configuration is unfavora-
ble and not beneficial for heat removal, as it results in higher
values of the mean temperature within the enclosure. Lee et al. [6]
studied the characteristics of turbulent and laminar mixed convec-
tion flows in an rectangular air-cooled enclosure. They investi-
gated only one the top—bottom (TB) flow configuration, where air
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is inserted at the upper part of the left vertical hot wall and permit-
ted to quit at the lower part of the right vertical cold wall. The
results showed that the air-cooling is not efficient in laminar
mixed convection as the heat transfer becomes predominant over
the convective heat transfer, and the buoyancy forces induce heat
energy from the heat source into the enclosure. Later, the same
TB flow configuration was also investigated by Moraga and Lopez
[7] and most recently by Doghmi et al. [§] but for a three-
dimensional model. They captured and presented the velocity
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profiles and the rates of heat removal in a rectangular TB air-
ventilated enclosure for wide ranges of Reynolds and Richardson
numbers and for different sizes of inlet opening. Their results
demonstrated that the flow strength and the amount of heat
released could be considerably enhanced by the best selection for
the mentioned parameters. Omri and Ben Nasrallah [9] investi-
gated transient laminar mixed convection in an enclosure with
two vertical walls kept at different constant temperatures and
two horizontal insulated walls by considering two different air
injection configurations; TB and BT. It was revealed that the air-
cooling is more effective when Reynolds number exceeds a criti-
cal value for a given Richardson number, and the BT air injection
configuration is more effective for heat removal. Later on, Singh
and Sharif [10] extended the work of Omri by studying six differ-
ent configurations of inlet/outlet placements to identify the opti-
mum one for obtaining higher air-cooling efficiency within a
differentially heated rectangular enclosure. They observed that the
most cooling effectiveness is attained by locating the inlet vent
close the bottom of the cold wall, and the outlet exit close the top
of the hot wall.

Rahman et al. [11] studied the influence of 19 inlet port loca-
tions on the opposing mixed convection and heat transfer for
ranges of Richardson, Reynolds, and Prandtl numbers in a square-
vented enclosure. They indicated that the increase in Reynolds
number leads to higher Nusselt number and higher intensity of
recirculation, and the heat transfer rates depend significantly on
the position of the inlet port. Bahlaoui et al. [12] reported results
of coupled mixed convection and radiation within a horizontal
BT-ventilated enclosure heated from below and provided with an
adiabatic partition on the hot floor. They found that the heat trans-
fer enhances by increasing the displacement of the partition away
from the inlet opening. Their results displayed unsteady periodic
solution for a particular position of the partition. Oztop [13] exam-
ined mixed convective flows in a rectangular enclosure with volu-
metric heat sources. The study investigated the effect of three
locations of the exit opening; single opening near the ceiling, sin-
gle opening near the bottom, and double openings. The greatest
heat transfer was found to be once the opening of outlet is placed
onto top of the right vertical wall near the ceiling. Nosonov and
Sheremet [14] studied conjugate mixed convection heat transfer
in a horizontal square cavity having solid walls of finite thickness
and conductivity under the influence of local heaters. The results
revealed that the increase in Richardson number strengthens the
intensity of the internal convective vortex that distorts the forced
stream-flow.
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In contrast, for the case of mixed convection in a vertically ori-
ented ventilated enclosure, the results are rather limited. Sparrow
and Samie [15] made a numerical analysis of combined convec-
tive flow in a vertical cylindrical enclosure throughout small aper-
tures centered in the lower and upper surfaces. The buoyancy
forces are induced in the enclosure due to the temperature discrep-
ancy between the penetrating fluid and the enclosure walls. They
noted that when the flow-stream is vertically upward, the small
and intermediate amount of natural convection causes a reducing
in the heat dissipation; however, high values of heat dissipation
can be resulted when the natural convection is overpowered.
Nevertheless, for vertically downward flow-stream, the flow field
in the enclosure is basically unaltered and the heat transfer is
slight changed from that for nonbuoyant flow. Oosthuizen and
Paul [16] studied assisting and opposing mixed convective flows
in a rectangular vertical enclosure with the right and left vertical
walls heated and cooled, respectively, and the remaining two hori-
zontal walls adiabatic. Their attention was given to the case where
the forced flow enters and exits the enclosure throughout the cold
left wall and the entering fluid has the same temperature as the
cold wall. It was shown that the buoyancy forces increase the rates
of heat transfer in aiding flows, whereas in opposing flows they
decrease it at higher Reynolds numbers but increase it when the
purely free convective becomes predominant at low Reynolds
numbers. Kumar and Yuan [17] also examined the effect of aiding
and opposing buoyancy forces on the flow and thermal structures
of mixed convection flow in a vertical rectangular enclosure for a
range of Reynolds and Richardson numbers. However, their flow
configuration was different: The vertical hot or cold downward jet
enters the enclosure from the ceiling at one end of the top corner
and discharges through the ceiling at the other top corner. The
positive and negative buoyancies in this kind of flow configuration
were found to be significantly impact the velocity and temperature
distributions and the convective heat transfer coefficient. Angirasa
[18] presented numerical results for mixed convection heat trans-
fer in a vertical square enclosure with an entry slot and an outlet
vent located, , respectively, at the bottom and the top edges of the
vertical left hot wall, while keeping the remaining three walls
insulated. The intricate interaction between the positive and nega-
tive buoyancy effects and the forced flow for different Grashof
and Reynolds numbers was investigated. It was identified that at
lower Grashof number, the heat transfer augments with increasing
Reynolds number for either vertically upward or downward direc-
tion of the buoyancy. However, for higher Grashof number, when
the buoyancy acts vertically upward, the interaction between the

SE

Fig. 2 (a) The computational grid used for the (BLTL1) configuration and (b) typical control volume

showing the main and staggered grids
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Table 1 Grid sizes used to check the grid independency

Mesh (Ax x Ay)
M1 (102 x 102)
M2 (136 x 136)
M3 (170 x 170)
M4 (204 x 204)
M5 (238 x 238)
M6 (272 x 272)

two flow mechanisms was found to become quite sophisticated
and the steady-state solutions could not be determined.

Indeed, even when the effects of the natural convection are trivial,
i.e., for small Richardson numbers, the predictable patterns of fluid
motion during an enclosure are much complicated due to producing
a large-scale vortex along the walls of the enclosure. For higher heat-
ing (higher Richardson numbers), the forces of the buoyant convec-
tive flow interact with the foregoing vortex, and may interact with
the main stream-flow causing this primary eddy. Therefore, for a
specified value and location of the main stream-flow (Reynolds num-
ber), it is interesting to distinguish the Richardson numbers at which
these extremely sophisticated interactions take place. This study is a

further investigation to the work carried out by Angirasa [18], where
only one possible placement configuration of the inlet and outlet
openings was investigated. In the present investigation, several other
possible placements (an overall of six enclosure configurations) of
the inlet and outlet, containing this of [18], are considered for broad
ranges of Reynolds and Richardson numbers. The six enclosure
configurations studied, namely, bottom-left-top-left (BLTL1), bot-
tom-left-top-right (BLTR2), bottom-right-top-left (BRTL3), bottom-
right-top-right (BRTR4), bottom-left-bottom-right (BLBRS), and
bottom-right-bottom-left (BRBL6), are illustrated in Fig. 1. The
physical model is a basic geometry of a square enclosure, vertically
oriented; with two same-size (d) inlet and outlet ports. The figure
portrays that the fluid stream enters the enclosure via the inlet port,
which is always located in the bottom, with a velocity (v,) and a tem-
perature (7,) and exits via the outlet port. The left vertical wall of the
enclosure is isothermally heated and kept at a constant temperature
(Ty,), while the other walls are assumed to be insulated. Attention is
only given to the case where T, > T, (cooling system). Thus, the
objective of this study is to recognize the preferable inlet and outlet
placement configuration to secure most effective cooling, and to
understand the flow and thermal structures of assisting and opposing
mixed convective flows inside the vertical enclosure for various val-
ues of the above parameters. The size effect of the inlet/outlet open-
ings (d/H) is also investigated.
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Fig. 3 Results of Nu,, for the GRS: (a) at Re =250, Ri =30, d/H=0.05 and (b) at Re =250, Ri =30,
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Fig. 4 Results of Nu, for the GRS: (a) at Re =250, Ri = 30, d/H = 0.05 and (b) at Re = 250, Ri = 30, d/H= 0.3
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Angirasa, (2000)
current algorithm

> Opposing flow, at R=10]
0.6 0.8

Fig. 5 The comparison between two numerical models: The
current algorithm and that employed by [18] for the mixed con-
vection flow in an enclosure, for the variation of Nu, of aiding
flow at Ri = 2 and opposing flow at Ri =10

2 Mathematical Formulation

The considered cooling fluid is air with a Prandtl number of
(Pr=0.71), and the flow is assumed unsteady, laminar, and
incompressible with negligible viscous dissipation. All the ther-
mophysical properties of the fluid are assumed constant except the
density change with temperature, giving rise to the buoyancy
forces, which is treated as usual by means of the Boussinesq

approximation. The governing equations for the two-dimensional,
transient, laminar, and incompressible fluid can be expressed in
the following dimensionless form:

V-u=0 )
Ou N
-E+u(vw7§éVu)—VP+& )
o6 1 5
5+u-(vo)_m(v 0) 3)

where (u) is the velocity vector field, while (P), (f), and (0) repre-
sent the dimensionless pressure, time, and temperature, respec-
tively. Sy is the source term in the momentum equations; (Sp = 0)
in the x-momentum equation and (Sy =Ri-0) in the y-
momentum equation. It can be seen that the problem is regulated
by four main dimensionless parameters: Two of them identify the
flow of the fluid, the main stream-flow Reynolds number (Re),
and the natural convection, the Richardson number (Ri), in the
enclosure. Another two are geometrical parameters: The ratio of
the opening size to the enclosure height (d/H) and the location of
the inlet/outlet openings (displacement configurations). The Reyn-
olds and Richardson numbers are defined as:

H G -p-H Ty, —T,
Re = 2o Ri:%, GTZW
v Re v

where (Gr) is the Grashof number, (v) is the kinematic viscosity,
with (g) and (f5) are the gravitational acceleration and the volu-
metric expansion coefficient, respectively. The nondimensional
boundary conditions applied for the present problem are
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Fig. 6 Variation of Nu,, with Re for different Ri and d/H: (a) at d/H=0.05; (b) at d/H=0.1; (c) at d/

H=0.2; and (d) at d/H=0.3
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Uy =0, vo=1 and 0, =0 attheinlet a0 1 H
Nu = - ’W, Nu,, :EZJ Nu - dn )

0 0

—“:@:8—:0 at the exit 0

dy 9oy Oy

Uy =vy =0 and 0, =1 atthe heated vertical left wall where 7 is the normal direction with respect to the wall.

u=v=0 and =0 atthe insulated vertical right wall

0
Ox 3 Numerical Procedure

a0 . .
u=v=0 and dy =0 atthe insulated horizontal walls The method of finite volume developed by Patankar [19] was

incorporated in a home-developed FORTRAN code to numeri-
The rate of heat transfer from the vertical left wall is computed  cally discretize and solved the nondimensional governing

and expressed in terms of the surface-average Nusselt number  Egs. (1)—(3). The first step is to divide the computational domain

(Nu,,) and the local Nusselt number (Nu,) as entirely into vertical and horizontal nonuniformly spaced grid
(RiZO.O) (RiZO.G) (Ri:1.0) (Ri:5.0)

0.00 0.07 0.13 020 027 033 040 047 053 060 067 073 080 087 093 1.00
(b)

Fig. 7 Effect of Ri on the streamlines and isotherms, for (a) d/H = 0.05 and (b) d/H= 0.3, at Re = 250
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lines, as illustrated in Fig. 2(a) for the (BLTE1) enclosure configu-
ration at d/H =0.2. The grid spacing is nonuniform in both direc-
tions to allowing fine grid lines in the regions with sharp gradients
such as near walls. The intersection of the grid lines form the so-
called grid nodes, each of which is assumed to be surrounded with
a control volume. The boundaries of the control volume are taken
to be in the midway between the grid nodes. All scalar-dependent
variables such as pressure and temperature are stored in the grid
nodes, while the components of the velocity are stored at stag-
gered locations coinciding with the boundaries of the control
volumes for the scalar variables. The adoption of these staggered
locations ensures that the velocities lay between the pressures that

induce them, and are available directly for computing the convec-
tive fluxes of the scalar flow variables. A typical control volume
(Ax x Ay) around a point P communicating with four neighboring
grid points E, W, N, S, and the staggered locations for the velocity
components at the four faces of the control volume are shown in
Fig. 2(b). The governing differential Eqs. (1)—(3) are then inte-
grated over each finite control volume using the Hybrid differenc-
ing scheme detailed in the study by Ferziger and Peric [20] for
approximating nonlinear discretization algebraic equations. The
SIMPLEC algorithm of [19] is used to couple the momentum and
continuity approximations, and then to iteratively solve them over
the whole control volumes using the alternating direction implicit

0.00 0.07 0.13 020 027 033 040 047 053 060 067 073 080 087 093 1.00
(b)

Fig. 8 Effect of Re on the streamlines and isotherms, for (a) d/H = 0.05 and (b) d/H=0.3, at Ri = 5.0
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(ADI) method, describing the distributions of the dependent varia-
bles at the grid points. The accuracy of the predicted results is
assessed by ensuring sufficiently small residuals for all variables
solved everywhere in the field are reduced to an acceptable level
using a convergence criteria. To facilitate monitoring the conver-
gence of the numerical solution, the calculated local and surface-
average Nusselt numbers Nu; and Nu,, are observed as accuracy
indication. The value of convergence criteria adopted for this
study is typically less than (107°).

3.1 Numerical Code and Grid Size Validations. A grid
resolution study (GRS) was conducted to check the solution
grid independency employing variant nonuniform sizes M1, M2,
M3, M4, M5, and M6, as demonstrated in Table 1. The GRS was
undertaken for many smallest and largest values of the pertinent
parameters. Sample of results for the preliminary tests is illus-
trated in Figs. 3 and 4. The average and local Nusselt numbers
Nu,, and Nu,, respectively, were also monitored in this study to
determine the convergence. The computational domain M4 was
chosen to be suitable for this study since it allows a decent com-
promise between the computational charge and the precision of
the acquired results with a maximum deviation at 0.5%. For the
validation of the numerical scheme, some calculations were
made to compare the simulated results with the other simulated
results available in the literature and reported by Angirasa [18]
considering the problem of mixed convection in an enclosure.
Figure 5 shows the comparison of the variation of local Nusselt
number Nu; of aiding flow at Ri=2 and of opposing flow at
Ri=10. As shown from the figure that the comparison of results
is acceptable.

4 Results and Discussion

As mentioned in Sec. 1, the attention will be given here to the
influences of the fluid flow considerations such as Reynolds (Re)
and Richardson numbers (Ri), and to the geometrical considera-
tions such as the enclosure inlet/outlet openings size and loca-
tions. Correspondingly, Reynolds number changes within the
range of (50 < Re < 250) in the calculations, the Richardson
number was varied systematically from O (forced convection) to
30 (high heating), within six enclosure displacement configura-
tions, e.g., BLTL1, BLTR2, BRTL3, BRTR4, BLBRS, and
BRBL6. Also, six values of the openings size (d/H =0.05, 0.1,
0.15, 0.2, 0.25, 0.3) were used only during the first BLTL1 config-
uration. For all cases, Prandtl number equals to (Pr=0.71) is
used.

4.1 Effect of Reynolds and Richardson Numbers. The
effect of Reynolds number on the average Nusselt number (Nu,,)
for different values of Richardson number Ri=0, 1, 5, 10, 20, and
30, in the BLTL1 displacement configuration at four values of
openings size d/H = 0.05, 0.1, 0.2, and 0.3, is shown in Figs. 6(a),
6(b), 6(¢c), and 6(d), respectively. The figures reveal an enhance-
ment in the heat transfer as Reynolds number and/or Richardson
number increase. It is found that Nu,, increases sharply and line-
arly by increasing Reynolds number at the smallest opening port
d/H = 0.05; however, for d/H > 0.1, the increase in Nu,,, becomes
gradual and nonlinear. It can be observed that the influence of
increasing Richardson number is more significant for higher open-
ing size and higher Reynolds number because of the inlet and the
outlet openings are very close from the heat source in the
(BLTLT1) flow configuration.
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Fig. 9 Variation of Nu, for different Ri and d/H, at Re =50; (a) at d/H=0.05; (b) at d/H=0.1; (c) at d/

H=0.2; and (d) at d/H=0.3
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The streamlines and isotherms patterns presented in Fig. 7
describe the mixed convective flows under various heating
regimes at Re =250 and for (a) d/H=0.05 and (b) d/H=0.3,
respectively. At d/H =0.05, when the heating effect is neglected
at Ri=0, a single clockwise vortex is formed by the effect of the
mainstream flow (forced convection) inside the enclosure. As
Richardson number increases and at Ri = 0.6, it is observed that
the intensity of the single vortex increases, inducing a secondary
anticlockwise vortex at the lower right corner of the enclosure.
With further increase in Richardson number, the lower circulation
vortex gets larger and spreads fully in the lower part of the enclo-
sure, and thereby squeezes the primary vortex toward the upper
part, resulting of two eddies that have almost the same kinetic
energy at Ri=5.0. However, the jet effect is vanished and not
observed at the wider openings d/H = 0.3.

To demonstrate the effect of Reynolds number, streamlines and
isotherms patterns for different Re =50, 75, 100, and 125, at con-
stant Ri=5.0, are shown in Figs. 8(a) and 8(b) for two values of
d/H =0.05 and 0.3, respectively. In Fig. 8(a), for an inlet nozzle
at d/H=0.05, it is clear that at low Re =150, the heating effect
pushes the primary vortex initially formed in the core of the enclo-
sure toward the top right corner. As Reynolds number increases,
the force convective jet assists the moderate buoyancy forces to
accelerate the fluid near the hot left wall moving upward, and then
producing two clockwise upper-stream and anticlockwise down-
stream eddies. This bifurcation phenomenon is not observed in
Fig. 8(b) for the largest inlet port at d/H=0.3 as the jet effect
vanishes.

The spatial variations of the local rate of heat transfer parame-
terised by the Nusselt number (Nu,) along the vertical left heated
wall of the enclosure are presented in Figs. 9 and 10 for Re =50
and 250, respectively, at different opening sizes d/H and

Richardson numbers Ri. The striking characteristic in these figures
is that the distributions tend to be arranged in descending order
with increasing Richardson number particularly for those at higher
opening size. Thus, the highest values are attained at the lower
portion of the wall, from which point Nu, decreases monotonically
as the vertical coordinate increases. The peaks in the lower portion
of the wall are due to the dominance of the mainstream flow at the
inlet port. However, for lower Richardson number, there is a local
maximum in Nuy; at an intermediate vertical distance due to the
lesser effect of natural convection.

4.2 Effect of Inlet and Outlet Openings. The effectiveness
of heat transfer inside the enclosure with varying the size of the
opening ports d/H is displayed in Fig. 11 in terms of average Nus-
selt number (Nu,,) along the hot wall for different Richardson
numbers, and at Re =50, 100, 150, 200, and 250. It is obvious
that the values of Nu,, generally increase with increasing the size
of ports for all Richardson and Reynolds numbers. Indeed, the
effect of increasing the port size becomes more significant at
higher Richardson numbers. This is due to the assistance of the
buoyancy forces in thinning the boundary layer near the wall and
decrease of the average bulk fluid temperature. In addition, the
minimum Nu,, is expected to be found at the smallest size of
the inlet port at d/H = 0.05. The physical reason behind that is the
heating effect is stronger than the effect of incoming forced jet
even for higher Reynolds numbers generating a thicker thermal
boundary layer close the hot wall. This can be seen in Figs. 7(a)
and 8(a) showing the uniform temperature distributions inside the
enclosure at d/H=0.05, for different values of Reynolds and
Richardson numbers. Moreover, interestingly, the figure shows
that there is an optimal value of the port size, which is at
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Fig. 10 Variation of Nu, for different Ri and d/H, at Re =250; (a) at d/H=0.05; (b) at d/H=0.1; (c) at

d/H=0.2; and (d) at d/H=0.3
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Fig. 11 Effect of d/H on Nu,, for different Ri and Re: (a) at Re = 50; (b) at Re = 100; (c) at Re = 150; (d) at

Re =200; and (e) at Re = 250

d/H=0.25, for acquiring maximum Nuyp,, thus after this value,
there is no benefit from increasing the port size. It is seen that this
occurs almost for all values of Richardson and Reynolds numbers.
The reason is due to the change in the flow behavior inside the
cavity as will be explained in Fig. 12. However, importantly, for
particular cases of lower Richardson numbers and higher Reyn-
olds numbers, for instance, for Re > 150 and Ri < 1.0, one can
see that the profiles of Nu,, are approximately kept constant when
d/H > 0.15.

Figure 12 shows the streamlines and isotherms plots for differ-
ent port sizes d/H, at Re=200 and Ri=30. At d/H=0.05,
although a jet-wall-type flow is observed at the inlet opening, the
heating influence is dominant in the enclosure, and the buoyancy

122601-10 / Vol. 142, DECEMBER 2020

driven currents form two primary and secondary cells circulating
at the top and bottom, , respectively. As the port size increases,
the penetration effect of the main flow becomes important. Thus,
the interaction between the recirculating zones and the incoming
air jet gets stronger, and the primary and secondary cells develop
to have same size. The development in the circulating cells is due
to the fluid mixing as a result of convective and buoyancy driven
currents, consequently, the heat transfer rates increase. This is
clear in the corresponding thermal plots as the isotherms signifi-
cantly propagate from the heated wall toward the enclosure at
lower port size; however, a thinner thermal boundary is observed
at higher port size. However, it is shown that as the port size
increases, the primary recirculating cell in the top region of the
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Fig. 12 Effect of d/H on the flow behavior represented by the streamlines and the temperature

distributions, at Ri = 30 and Re =200

cavity considerably diminishes, and then vanishes behind d/
H =0.25. This behavior assists the thermal boundary layer to get
some expansion in this area, and clarifying the reduction in Nuy,
behind d/H = 0.25 in Fig. 11.

The effect of the three main parameters, namely, Reynolds and
Richardson numbers and openings height, on the normalized rate
of heat transfer Nu,, is generally depicted in Fig. 13 over their
entire examined ranges. It can be seen that Nu,, varies between a

Journal of Heat Transfer

minimum value 5 (blue color) and maximum value 21 (red color).
The figure shows that the higher Nu,, can be obtained at higher
Reynolds number, higher Richardson number, and/or higher open-
ings height.

4.3 Effect of Inlet/Outlet Openings’ Locations. Six various
inlet/outlet configurations were investigated for the problem of
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Fig. 13
Re =50 - 250: (a) at Re = 50; (b) at Re = 100; (c) at Re = 150; (d) at Re = 200; and (e) at Re =250

mixed convection to compare the behaviors of the convective heat
transfer for diverse relative inlet and outlet positions. Figure 14
presents the results of the average Nusselt number Nu,, at the hot
wall for all the six configurations, with Richardson number, at
Re =50, 100, 150, 200, and 250. It is observed that the BLTL1
and the BLTR2 configurations are the most desirable configura-
tions that results in higher Nu,, for all values of Richardson and

122601-12 / Vol. 142, DECEMBER 2020

Influence of three main parameters, Re, Ri, and d/H, on Nu,, for the (BLTL1) flow configuration

Reynolds numbers. This occurs when the cold air is injected verti-
cally near the hot wall and exists the enclosure whether from the
opposite outlet port (BLTL1) or from that one moving away from
the hot wall (BLTR2). This is due to the injection effect of the
cold stream along the hot wall, and the forced and natural convec-
tions assist each other in these configuration. Therefore, it is seen
that higher heat transfer rates are obtained at higher Richardson
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Fig. 13 (Continued)

number and/or higher Reynolds number. The figure also shows
that Nu,, for the (BLTL1) configuration is always slightly higher
than other configurations, except for Ri < 10 at Re =50, due to
the dominance of natural convection.

The next two beneficial configurations are the BRTL3 and the
BRTR4, when the inlet opening is placed through the bottom but
away from the heated wall and the exit is located in the opposite
through the top. It is observed that these arrangements give much
lesser heat removal than the (BLTL1) and (BLTR2) for the whole

Journal of Heat Transfer

Richardson and Reynolds numbers. Also, Nu,, for the (BRTL3)
arrangement is always considerably higher than that for the
(BRTR4) arrangement. It also seems that the forced convection
and the natural convection aid each other but after a strong con-
flict between the flows generated by inertia and buoyancy forces
in the enclosure.

In contrast, the remaining inlet/outlet configurations, namely,
the bottom-left-bottom-right (BLBRS) and the bottom-right-bot-
tom-left (BRBL6) when both inlet and outlet ports are located

DECEMBER 2020, Vol. 142 / 122601-13
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Fig. 14 Effect of different enclosure configurations on Nu,, at d/H= 0.2 and for different Re = 50, 100, 150,

200, and 250

through the bottom, are unfavorable to the natural convection phe-
nomenon. Thus, the Nu,, curves are almost flat for Ri < 5, when
the natural convection becomes dominant. Also, there is a
decreasing tendency observed before that in the (BRBL6) configu-
ration, which is found to be the worst flow configuration for most
of the cases. This is could be due to the complex structure of flow
which is not favorable to the formation of the big circulating cells
inside the enclosure. However, interestingly, it is shown that Nu,,

122601-14 / Vol. 142, DECEMBER 2020

for the (BLBRS) configuration is higher than that for the (BRTL3)
and (BRTR4) configurations but only at moderate and lower val-
ues of Richardson and Reynolds numbers.

As a consequence of space limitation, it is impossible to com-
prise the results for all the six configurations for all Richardson
and Reynolds numbers. Therefore, some representative stream-
lines and isotherms are presented in Figs. 15 and 16 for all the
enclosure displacement configurations at only two values of
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Fig. 14 (Continued)

Re =50 and 250, respectively, and at Ri =30. Close scrutiny of
these dynamic and thermal fields tells the phenomena of heat
transfer in the enclosure for the corresponding configuration. It
can be seen that as Reynolds number increases, a severe competi-
tion between the inertia forces and the flow produced by buoyancy
is clearly observed. Then, a variety of sophisticated mixed-
convection flow structures and physics is generated. Also, open
lines of the external forced flow are shown to occupy nearly the
entire enclosure at Re =50. Most of these open lines are without
being aspired by the heated wall, and a closed shear cell is formed
under the open lines. The corresponding isotherms display a fine
thermal stratification over the enclosure space, leading to zero gra-
dients of temperature in the horizontal direction. For the higher
value of Re =250 and the higher value of Ri=30, there is an
increase in the intensity of the internal flow support the formation
of at least two nonuniform cells within the cavity. The external
flow interacts strongly with the heated wall by reason of the high
jet velocities, and the corresponding isotherms demonstrate that
the thermal stratification is reduced considerably, except for the
(BLBRS) and (BRBL6), and the heat exchange is increased.

5 Conclusions

A numerical study has been conducted to investigate laminar
combined forced and natural convection heat transfer characteris-
tics inside a vertical heated enclosure. The effects of inlet/outlet
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ports size and location have been examined for broad ranges of
Reynolds and Richardson numbers. Six possible placement con-
figurations of the inlet and outlet, namely, BLTL1, BLTR2,
BRTL3, BRTR4, BLBRS, and BRBL6, have been studied. The
study was made using a two-dimensional computational model
developed using the finite volume formulation. The in-house code
is validated and verified with the results available in the literature.
Results of the study show that the increase in Reynolds number
and/or Richardson number increases the average Nusselt number
(Nu,,). The influence of the increase in Richardson number
becomes more significant for higher openings size and higher
Reynolds number. In addition, the results show that Nu,, increases
with increasing the openings size for all values of Richardson and
Reynolds numbers. In addition, the effect of opening height being
important at higher Richardson number; however, it is trivial for
d/H > 0.15 at lower Richardson number and higher Reynolds
number. Also, it is found that the maximum Nu,, occurs when d/
H =0.25 for the entire values of Richardson and Reynolds num-
bers, while the minimum Nu,, happens at the smallest port size of
d/H =0.05. Moreover, the (BLTL1) configuration and then the
(BLTR2) are found to be the most desirable arrangements for the
inlet and outlet locations that results in higher Nu,, at all condi-
tions. However, the (BLBRS) and the (BRBL6) configurations,
when both the inlet and the outlet ports are located at the same
bottom side, are the worst unfavorable flow distributions for most
of Reynolds and Richardson cases.
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P = dimensionless pressure
Pr = Prandtl number, Pr = v/«
Re = Reynolds number, Re = v,.H /v
Ri = Richardson number, Ri = Gr/Re?
t = dimensionless time
u = dimensionless horizontal velocity
v = dimensionless vertical velocity
w = wall
X, y = dimensionless Cartesian coordinates

Greek Symbols

J = volumetric expansion coefficient

0 = dimensionless temperature, 0 = (T — T,)/(Tyw — T,)
v = kinematic viscosity (m?/s)

p = density (kg/m?)
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